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In closed-loop phase-change systems, self-propelled jumping drops on a superhydrophobic condenser
offer a new mechanism to return the working fluid to the evaporator, eliminating the requirement for
either external forces or wick structures along the return path. Here, we report the heat transfer perfor-
mance of a jumping-drop vapor chamber consisting of two parallel plates, a superhydrophobic condenser
and a superhydrophilic evaporator. With proper removal of the non-condensable gases including those
dissolved in the working fluid, the overall thermal resistance of the jumping-drop chamber is primarily
governed by the conduction resistance of the wicked evaporator in series with the interfacial resistances
at the phase-change interfaces. The lumped resistance model was verified by systematically varying the
parameters of the chamber such as wick thickness, vapor spacing, vapor temperature, and heat flux. As an
alternative mechanism to transport the working fluid, the jumping drops can enable novel phase-change
heat transfer systems such as planar thermal diodes and heat spreaders, for which this work provides
practical design guidelines.

� 2013 Elsevier Ltd. All rights reserved.
1. Introduction

Vapor chambers offer passive yet effective phase-change heat
transfer in a planar form factor useful for microelectronics cooling
[1–5]. Conventional vapor chambers are essentially flat-plate heat
pipes [1–3], relying on wicked or grooved walls to return the work-
ing fluid from the condenser back to the evaporator by capillarity.
For the capillary return to be effective, porous wick structures or
fine grooves are required along the entire return path which poses
design constraints and manufacturing complexities; see for exam-
ple [6–9]. Alternative mechanisms such as gravitational and elec-
trohydrodynamic return have their own limitations, rendering
the heat transfer devices dependent on orientation or active power
input [3]. Planar heat spreaders can also be obtained by arranging
one-dimensional pipes such as thermosyphons and pulsating heat
pipes into a plate [1,2], but such arrangements are less versatile be-
cause of the inherent one-dimensional tubular design, and are not
effective for certain applications such as planar thermal diodes
[10].

In our previous work [10], a novel jumping-drop mechanism for
condensate return was utilized to enable an inherently planar va-
por chamber, circumventing the drawbacks of gravity- or capillar-
ll rights reserved.
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ity-driven return mechanisms. Rather than lining the entire vapor
chamber with a wick structure, a wickless superhydrophobic plate
was placed parallel to a wicked superhydrophilic plate, such that
water condensing on the superhydrophobic surface would sponta-
neously jump across the gap directly back to the wicked evaporator
(Fig. 1). The kinetic energy required for the jumping-drop phenom-
enon is harvested from the surface energy released upon coales-
cence [11–17], and the out-of-plane directionality is a result of
the superhydrophobic surface breaking the symmetry of energy re-
lease [12,18].

Our jumping-drop chamber builds upon conventional vapor
chambers with a few notable differences owing to the new liquid
return mechanism. (i) The superhydrophilic evaporator design is
directly borrowed from wicked vapor chambers, with the same
capillary redistribution mechanism of the working fluid within
the wick structures; however, the mass flow rate is no longer dic-
tated by the cross sectional area of the wick (i.e. proportional to the
thickness of the wick), but by the frequency and size distribution of
the jumping condensate drops. The jumping return therefore cir-
cumvents the capillary wicking limit, which is typically the most
significant limit of moderate temperature heat pipes and vapor
chambers [1]. (ii) The perpendicular jumping return path between
the condenser and the evaporator resembles the directionality of
gravity-driven return in themosyphons; however, the jumping
drops are much smaller and faster and therefore independent of
gravitational orientation [12]. The out-of-plane jumping return is
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Fig. 1. Schematic of the jumping-drop vapor chamber consisting of a superhydro-
phobic evaporator and a superhydrophilic condenser in parallel. Heat is removed by
evaporation of liquid water contained in the wicked evaporator, and rejected at the
condenser by condensation of the water vapor. The working fluid is returned back
to the evaporator by the self-propelled jumping phenomenon, where condensate
drops spontaneously jump out-of-plane upon drop coalescence on the superhy-
drophobic surface. The major thermal resistances across the vapor chamber include
the conduction resistance of the wick and the interfacial resistances across the
evaporating and condensing interfaces.
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scalable and particularly suitable for planar systems, unlike con-
ventional vapor chambers with capillary return along wicked
walls, where longer liquid return paths are expected for devices
of larger areas. (iii) The jumping-drop vapor chamber consisting
of condensers and evaporators of asymmetric wettability is a ther-
mal diode by design [10], in contrast to conventional wicked vapor
chambers with symmetric (interchangeable) condenser and
evaporator.

Although the jumping-drop vapor chamber is essentially the
forward mode of the jumping-drop thermal diode we previously
reported [10], the work reported here represents a more system-
atic study of the heat transfer performance of vapor chambers en-
abled by the jumping-drop return mechanism. In particular, we
carefully minimized the effects of non-condensable gases, and
investigated the heat transfer coefficients while varying system
parameters such as wick thickness, vapor spacing, vapor tempera-
ture, and heat flux. In this mechanistic study, we focused on the
unique aspects of our jumping-drop vapor chamber. The inherently
planar design justifies the simplification of the system as serial
resistances due to wick conduction and interfacial phase change.
The capability of the jumping drops to travel against gravity and/
or vapor flow presents new operating limits to our vapor chamber.

2. Theoretical model

As schematically shown in Fig. 1, the jumping-drop vapor
chamber consists of two parallel plates enclosing water in both li-
quid and vapor phases. The working fluid is circulated as follows:
the liquid water evaporates from the wick structure embedded
on the superhydrophilic evaporator, the water vapor condenses
on the opposing superhydrophobic condenser, and the condensate
jumps back to the evaporator upon drop coalescence. The parallel-
plate configuration justifies the following one-dimensional model
for the effective heat transfer coefficient and the operational limits
specific to the jumping return.

2.1. Overall heat transfer coefficient

For phase-change heat transfer, non-condensable gases can
present a significant thermal resistance due to their accumulation
at the phase-change interface [19–21]. In the subsequent analysis,
we assume negligible presence of non-condensable gases and
ignore the associated gas diffusion resistance, in which case the
interfacial resistance will predominantly govern the heat transfer
at the phase-change interface. Kinetic theory yields an interfacial
heat transfer coefficient [21],
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2â

2� â
qvh2
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ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi
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where â is the accommodation coefficient, qv, hlv, and M are the
density, latent heat, and molecular weight of the saturated water
vapor at a temperature Tv, and R is the universal gas constant. The
accommodation coefficient is the fraction of molecular collisions
that result in actual phase change across the interface, and is as-
sumed to be equal for condensation and evaporation [21]. The
accommodation coefficient ðâÞ for water varies dramatically in dif-
ferent systems, and is reported to be typically below 0.1 for stag-
nant interfaces and above 0.1 for dynamically renewing interfaces
[22]. Because of this large variation, the value of the accommoda-
tion coefficient is typically obtained by fitting the data measured
on a particular phase-change system [22]. For a given â, the interfa-
cial heat transfer coefficient (hi) is approximately an exponential
function of the vapor temperature.

For purely evaporative cooling on the superhydrophilic evapo-
rator, the phase-change process is expected to be governed by
the interfacial heat transfer coefficient in Eq. (1). For dropwise con-
densation on the superhydrophobic condenser, the phase-change
heat transfer can be additionally affected by the capillary resis-
tance (important for nanometric drops) and conduction resistance
(important for millimetric drops) [20,21]. However, since the aver-
age diameter of self-propelled condensate drops on superhydro-
phobic surfaces tends to be micrometric [12], the interfacial
resistance is expected to dominate on the condenser as long as
non-condensable gases are negligible.

As shown in Fig. 1, the overall heat transfer coefficient of the
jumping-drop vapor chamber (ho) is dependent on the conduction
resistance across the wick which is almost independent of temper-
ature, and the interfacial resistances across the evaporator and
condenser which strongly depend on the vapor temperature,
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where Hw is the thickness of the wick structure, kw is the effective
conductivity of the water-saturated wick, and 1/hpc lumps together
the phase-change resistances on both the evaporator and the con-
denser. The geometrical parameter v̂ accounts for the partial cover-
age of dropwise condensate on the condenser surface and also the
fact that the actual surface area of a drop open to additional con-
densation is larger than its projected area on the condenser. In this
simplified model, we neglect the flow resistances for transporting
the working fluid in both liquid and vapor phases, on the ground
that the cross-sectional area for the fluid transport (the plate area)
is very large and the distance of transport (the inter-plate spacing)
is very short.

For our system, the geometrical parameter v̂ is expected to be
approximately constant and close to unity. The steady-state sur-
face coverage is reached after the condensate drops start to coa-
lesce and spontaneously jump; The surface coverage is expected
to be constant for self-propelled condensation, e.g. around 40%
for tests in the open air [12]. The actual surface area open to addi-
tional condensation is related to the projected surface area on the
condenser by the apparent contact angle, which can be assumed
constant for condensate drops with micrometric average diameter;
For a contact angle of 90�, a factor of 2X is expected for hemispher-
ical drops [23]. These two effects combine to yield an approxi-
mately constant v̂ on the order of 1.

Combining Eqs. (1) and (2), the lumped heat transfer coefficient
due to phase change on both the evaporator and the condenser is
given by,
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where the prefactor b̂ absorbs both v̂ and â,
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Fig. 2. Experimental setup for characterizing the vapor chamber. The vapor
chamber consisted of an evaporator and a condenser in parallel that were separated
by a rubber gasket with a thickness of H. The evaporator had a layer of porous wick
with a thickness of Hw, leaving a vapor spacing of Hv = H � Hw. During the test, a
total heat rate of Q was applied on the evaporator while the condenser was cooled
by a circulating bath with a working fluid temperature of T0; The resulting
temperature drop across the vapor chamber was measured by the thermistors
inserted into both plates. The components of the vacuum system included: (1)
vacuum pump; (2) vacuum regulator; (3) three-way ball valve; (4) on/off valves;
2.2. Jumping return limits

Compared to (flat-plate) heat pipes, the jumping-drop vapor
chambers have some unique operating limits as a direct conse-
quence of the new jumping return mechanism. For orientation
independence, the jumping drops must be able to travel against
gravity to reach the counter plate. At high heat fluxes, the jumping
drops from the condenser must be able to additionally travel
against the opposing vapor flow from the evaporator. We shall call
the former the gravitational limit, and the latter the entrainment
limit.

The jumping velocity of the merged liquid drop, ul, follows the
capillary-inertial scaling [12],

ul �
ffiffiffiffiffiffiffiffiffi
rlv

qlRl

r
; ð5Þ

where rlv is the liquid–vapor surface tension, and ql and Rl are
respectively the density and average radius of the condensate
drops. Based on prior measurements of jumping condensate on a
cooled superhydrophobic substrate exposed to the ambient air
[12]: (i) The diameter of the condensate drops has a broad distribu-
tion, which has not yet been measured in an enclosed system with
the non-condensable gases evacuated. (ii) Although the jumping
velocity follows scaling Eq. (5), the prefactor can be well below
unity; The measured jumping velocity is up to 20% of the theoretical
capillary-inertial value, and vanishes for extremely small drops
(perhaps due to viscous dissipation). Therefore, care should be exer-
cised when applying Eq. (5).

The gravitational limit is reached when the separation between
the condenser and evaporator plates (i.e. the vapor spacing Hv) ex-
ceeds a critical value, such that the jumping condensate cannot
consistently return to the evaporator, leading to dryout in the
‘‘against gravity’’ orientation. The maximum jumping height
against gravity is therefore given by,

HG
v �

u2
l

2g
; ð6Þ

where g is the gravitational acceleration.
The entrainment limit is reached when the viscous drag exerted

by the opposing vapor flow prevents the jumping drops from
returning to the evaporator, leading to dryout regardless of the ori-
entation. The critical heat flux (qE) at the entrainment limit can be
related to the critical vapor velocity uE

v
� �

assuming that the heat is
carried away solely by latent heat transfer, qE � qvhlvuE

v . The criti-
cal vapor velocity and critical heat flux can be estimated from the
vapor spacing (Hv) assuming a Stokes drag on the liquid drop,
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where lv is the viscosity of the vapor.
For a jumping drop vapor chamber with the vapor spacing de-

signed close to the gravitational limit, Hv K HG
v , the critical heat

flux at the entrainment limit can be estimated by combining Eqs.
(6) and (7),

qE � 2
9

gqlqvhlvR2
l

lv
: ð8Þ
Note that the liquid velocity is not explicitly used in deriving the
entrainment limit in Eq. (8), which is valid when the vapor spacing
is close to the gravitational limit.
3. Experimental methods

The experimental methodology for constructing and testing the
jumping-drop vapor chamber (Fig. 2) builds upon our previous
work [10]. A major difference is the adoption of a better methodol-
ogy to control/remove non-condensable gases, leading to much im-
proved performance as discussed in Section 4.7. We also modified
the setup to allow thermal characterization over a larger range of
vapor temperature and heat flux.
3.1. Fabrication and characterization

Copper plates (Alloy 101, 390 W/m K) were first treated for de-
sired wettability. The superhydrophobic surface was fabricated via
the electroless galvanic deposition of silver nanoparticles [24] on
the front face of a copper plate, followed by a monolayer coating
of 1-hexadecanethiol (Fisher Scientific AC120521000). The super-
hydrophilic surface was obtained by depositing a sintered copper
wick of 100 lm-diameter particles on the front face of another
copper plate (Thermacore, Lancaster, PA), followed by an oxygen
plasma treatment (Emitech K-1050X). Superhydrophilic plates
with wick thicknesses of Hw = 0.25, 0.5, 1.0, and 2.0 mm were fab-
ricated. The sintered copper wick had a porosity of approximately
50%, and when saturated with water had an effective thermal con-
ductivity of kw = 38 W/m K [25].

The parallel copper plates both had a cross-sectional area of
A = 76 mm � 76 mm. The superhydrophilic plate had a thickness
of 6.4 mm, and the superhydrophobic plate 16.2 mm (to accommo-
date the circulation of chiller fluid through the plate, see below).
The cross-sectional areas of the superhydrophilic wick and the
superhydrophobic coating were both Aw = 61 mm � 61 mm, leav-
ing space around the perimeter for the surrounding square gasket.
Note that these dimensions were chosen for the ease of laboratory
and (5) pressure gauge. A syringe was used for injecting water as the working fluid.
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implementation. The jumping-drop vapor chamber can in principle
be scaled to much larger areas.

The gasket made of water-resistant EPDM rubber (McMaster-
Carr 8610K83/84/85, 0.1 W/m K) served four purposes: it defined
the total separation between the parallel copper plates (H), pro-
vided a vacuum seal for the enclosed chamber, prevented water
from traversing between the plates via the walls of the chamber,
and thermally insulated the plates from each other. Through-holes
were punched along the rubber gasket so that glass-filled nylon
screws (McMaster-Carr 91221A225, 0.2 W/m K) could be used to
seal the chamber air-tight. Three different gaskets with com-
pressed thicknesses of H = 1.8, 2.5 and 3.7 mm were used to vary
the vapor spacing between the plates (Hv = H � Hw).

Deionized water was injected to saturate the wick after the vapor
chamber was sealed at atmospheric pressure. Water volumes of 1.0,
1.5, 2.5, and 4.25 mL were used for wick thicknesses of Hw = 0.25, 0.5,
1.0, and 2.0 mm, respectively. In each case, the amount of water in-
jected exceeded the volumetric capacity of the wick by roughly
0.5 mL. The excess water helped to accommodate minor losses in
the piping and from the subsequent vacuum pulls.

The assembled chamber was connected to a vacuum pump (Ed-
wards RV3) on one side and a vacuum gauge (LJ Engineering DVG-
2) on the opposite side. The digital vacuum gauge was accurate to
±0.34 kPa (0.1 inHg). An on/off valve was placed between the vac-
uum gauge and the vapor chamber to avoid prolonged exposure of
the gauge to water vapor. A three-way ball valve was inserted be-
tween the vacuum pump and the vapor chamber, enabling the
injection of the working fluid by a syringe. In selected experiments
where a controlled amount of non-condensable gases was desired,
a vacuum regulator (LJ Engineering 329-DP) was used between the
pump and the three-way valve.

After the degassing procedures described in Section 3.2, the
jumping-drop vapor chamber was tested at different orientations
to investigate the potential dependence on gravity. For the conden-
sate to jump along the direction of gravity (‘‘with gravity’’), the
superhydrophobic condenser was placed on top and the evaporator
at the bottom; For the condensate to jump ‘‘against gravity’’, the
chamber was flipped over with the superhydrophilic evaporator
on the top. The ‘‘sideways’’ orientation was not tested in this work,
since our previous work suggests that the ‘‘with’’ and ’’against’’ ori-
entations are sufficient to indicate any orientation dependence [10].

A uniform heat flux was imposed by a heater plate bolted onto the
evaporator. The heater plate was made of copper with the same cross-
sectional area (A) as that of the chamber. Three cartridge heaters rated
300 W each (Omega CIR – 1032/240) were inserted into the heater
plate and controlled by a DC power supply (Ametek XG 300-5). To pre-
vent heat leakage, the back side of the heater plate was insulated with a
polyurethane foam (McMaster-Carr 85105K16, 0.1 W/m K). The heat
was rejected at the condenser, with coolant circulated by a chiller (Ne-
slab RTE 740) through tubes that were directly soldered into the con-
denser plate. With a maximum power of 750 W constrained by the
cooling capacity of the chiller, the maximum heat flux across the wick
area of Aw = 37 cm2 was about 20 W/cm2.

To measure the temperature drop (DT) across the chamber for a
given power input (Q), two thermistors (Omega 44131) were in-
serted to measure the temperature on the condenser (T1) and the
evaporator (T2). Contact resistances were minimized by a thermal
paste (Marlow Industries 860-3079-002, 0.7 W/m K). As indicated
by the small black dots in Fig. 2, the thermistor holes were drilled
at Hp = 1 mm beneath the condenser surface and the evaporator sur-
face on which the wick was sintered. For accurate measurement of
the temperature drop between the condenser and evaporator sur-
faces, the DT’s reported in this paper were all corrected for the tem-
perature drop between the surfaces and the temperature probes.
Assuming one-dimensional heat transfer within each solid plate,
the corrected temperature drop was
DT ¼ T2 � T1 �
2HpQ
kCuAw

; ð9Þ

where Hp is the distance between the center of the thermistor hole
and the surface to be probed, kCu is the thermal conductivity of the
copper plates, and Q/Aw is approximately the heat flux through the
active device area. Note that the corrected DT still includes the tem-
perature drop across the thickness of the wick.

The overall heat transfer coefficient of the vapor chamber was
calculated as

ho ¼
Q

AwDT
; ð10Þ

where DT is the steady-state temperature drop across the chamber,
measured as in Eq. (9) for a given power Q. In calculating the heat
flux, q = Q/Aw, the wick area Aw is used instead of the total cross-sec-
tional area A that includes the surrounding gasket, because the heat
transfer is occurring predominantly within the inner chamber via
phase change. The average vapor temperature in the chamber was
estimated as,

Tv ¼
T2 þ T1

2
� HwQ

2kwAw
; ð11Þ

where the last term accounts for the temperature drop across the
wick.

3.2. Degassing procedures

A major improvement over our previous work [10] was the
more effective removal of the non-condensable gases from the va-
por chamber (Fig. 2). Two stages of evacuation were followed to
ensure consistent removal of the vast majority of the non-condens-
able gases.

A primary vacuum was first pulled to remove the non-condens-
able gases from the vapor space. Before the primary vacuum, the va-
por chamber was settled in thermal equilibrium with the working
fluid of the chiller set at T0 = 50 �C and the heater power set at
5.0 W, corresponding to a heat flux of 0.13 W/cm2. The vapor tem-
perature (Tv), taken as the average temperature of the evaporating
and condensing surfaces, was approximately 52 �C. (The relatively
large temperature drop at such a small heat flux was due to the pres-
ence of non-condensable gases.) For the primary vacuum, the cham-
ber was simultaneously opened to the vacuum pump and gauge
until a quasi-steady pressure of 13.6 kPa (�25.9 inHg gauge pres-
sure) was obtained, equal to the saturation pressure of water vapor
at 52 �C. To preserve the working fluid, the vapor chamber was
closed off from both the pump and the gauge as soon as a quasi-stea-
dy pressure reading was reached. When a wet vacuum was pulled on
the saturated chamber, the water vapor was continuously replen-
ished by the water-soaked wick, unlike the non-condensable gases.
For this reason, the chamber pressure could remain constant for a
long period of time if left open to the vacuum pump.

To test the effectiveness of the primary vacuum, the same pro-
cedure was repeated at other vapor temperatures. The quasi-stea-
dy pressure reading always corresponded to the saturation
pressure of the water vapor to within 1 kPa, an excellent agree-
ment considering that the chamber was not strictly in thermody-
namic equilibrium. With this one-to-one correspondence, the
quasi-steady pressure reading represented the point at which the
non-condensable gases had been predominantly evacuated, leav-
ing mostly water vapor in the interstitial vapor space. However,
the primary vacuum was not effective in removing the dissolved
non-condensable gases.

Secondary vacuums were then pulled to remove non-condens-
able gases that were dissolved in the liquid water within the wick.
To avoid further complicating the setup schematically shown in
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Fig. 2, the working fluid was charged without degassing. Without
secondary vacuums, the dissolved non-condensable gases would
be gradually released into the vapor space during operation. There-
fore, after this primary vacuum, the system was held at a higher
temperature and larger heat flux to help drive out the non-con-
densables, typically for 30 min with the chiller fluid at T0 = 80 �C
and the heat power at 50 W (1.3 W/cm2). The system was then re-
turned back to steady state at T0 = 50 �C and a lower heater power
of 5 W, and a very brief secondary vacuum was then pulled to re-
move the newly released non-condensable gas. Note that the vac-
uum was always pulled at lower temperature and heat flux to
avoid excessive loss of the working fluid. Secondary vacuums were
repeated until the heat transfer performance reached a consistent
peak performance that could not be further improved by additional
vacuums.
0.10 

1.00 

10.00 

100.00 

0 20 40 60 80 100 

h o
 (k

W
/m

2
K

) 

Tv (°C)  

With Gravity 
Against Gravity 
Theory 

Pncg
 = 18 kPa  

Pncg
 = 43 kPa 

Pncg
 = 94 kPa 

After primary vacuum 
After secondary vacuums 
3.3. Uncertainty analysis

The overall heat transfer coefficient (ho) calculated in Eq. (10) is
central to this study, and its measurement can be affected by two
types of uncertainties: the run-to-run variations of the vapor
chamber performance, and the measurement errors for tempera-
ture drop and heat flux. There is also some ambiguity in the active
heat transfer area used for calculating the heat flux (q). However,
as long as we consistently adopt the wick area (Aw), the trends in
the calculated ho should not be affected by this ambiguity.

To ensure consistent performance of the vapor chamber, the re-
moval of the non-condensable gases was crucial. The run-to-run
variation of the degassing procedures was relatively small, as long
as the methodology outlined in Section 3.2 was followed on a va-
por chamber with slightly overcharged working fluid. Note that
the superhydrophilic evaporator could degrade after exposure to
air, and was therefore retreated with oxygen plasma if exposed.
The superhydrophobic surface tended to slowly deteriorate over
time, in large part because the galvanically deposited silver parti-
cles on the superhydrophobic surface tended to come off during
prolonged operation. However, obvious degradation was not ob-
served within the test span of one to two weeks. If degraded, the
condenser surface was polished and then retreated with the same
superhydrophobic recipe. (This drawback can be eliminated by
other routes to generate superhydrophobicity, but the simple gal-
vanic recipe was adopted for this mechanistic study.)

The experimental uncertainty in DT measurements was
±0.03 �C, which was determined by inserting the two thermistors
into a large mass of copper at a uniform temperature and sweeping
the temperature from 0 �C to 80 �C. Because of the relatively large
cross sectional area of the vapor chamber, less than 1% of the
power (Q) supplied to the heater plate was estimated to leak
through unintended paths, including conduction through the insu-
lating foam and free convection and radiation through the side-
walls which were exposed to the ambient air.

The error bars in this paper were assessed based on the 95%
confidence interval of independent measurements at selected con-
ditions. The independence was ensured by preceding each mea-
surement with a new charging and/or degassing procedure
outlined in Section 3.2. These run-to-run uncertainties were larger
than the aforementioned measurement errors of DT or Q.
Fig. 3. Effects of non-condensable gases on the overall heat transfer coefficient (ho)
as a function of the vapor temperature (Tv), with the orders-of-magnitude variation
shown by a semi-log plot. From bottom to top, the first three data series represent
non-condensable gas pressures of Pncg = 94 kPa, 43 kPa, and 18 kPa. The upper data
series captured at both orientations represent the performance of the chamber after
a primary vacuum only and the peak performance after secondary vacuums,
respectively. The peak performance agrees well with the model (dashed line)
according to Eqs. (2) and (3) with b̂ ¼ 0:053. All data are taken with Hw = 0.5 mm
and Hv = 2.0 mm.
4. Results and discussions

With water as the working fluid, the heat transfer performance
of the jumping-drop vapor chamber depends on the following
parameters:
� The design of the superhydrophilic evaporator, including the
thermal conductivity (kw), pore size (Rw) and thickness (Hw) of
the wick;
� The design of the superhydrophobic condenser which affects

the frequency and average diameter (Rl) of the jumping drops
among other things;
� The spacing between the parallel condenser and evaporator

(Hv);
� The applied heat flux (q) and the operating vapor temperature

(Tv);
� The pressure of the non-condensable gases (Pncg), if any.

Within the scope of this study, the condenser design was not
varied because of the difficulty in visualizing jumping drops
(including Rl) within the enclosed chamber, and the thermal con-
ductivity (kw) and pore size (Rw) of the wick were not varied due
to limited availability (the wick was fabricated by an outside ven-
dor). Except for these restrictions, we systematically varied other
design parameters. With the exception of Section 4.6 on thermal
rectification, the heat flux was always imposed on the superhydro-
philic evaporator and rejected at the superhydrophobic condenser.

4.1. Effects of non-condensable gases

The non-condensable gases must be removed from the vapor
chamber for effective phase-change heat transfer. To illustrate
the dramatic effects of non-condensable gases, a vacuum regulator
was used to control the non-condensable gas concentration
(Fig. 3).

When non-condensable gases are at appreciable concentrations,
their accumulation at the phase-change interfaces prohibits effec-
tive heat transfer. The more non-condensables, the less effective
the phase-change thermal transport. These trends are apparent from
the bottom three data series in Fig. 3. The charged vapor chamber
was first heated to a vapor temperature of Tv = 40 �C, corresponding
to a saturation pressure of approximately Pv = 7 kPa. The chamber
was then progressively evacuated to total pressures of Pt = 101 kPa,
50 kPa and 25 kPa, corresponding to non-condensable gas pressures
(Pncg = Pt � Pv) of approximately 94 kPa, 43 kPa and 18 kPa, respec-
tively. The vapor temperature was varied by sweeping the heat sink
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temperature (T0) from 0 �C to 80 �C by 10 �C increments. Because of
the large temperature drops associated with the poor heat transfer
in the presence of non-condensables, the overall heat transfer coef-
ficient was measured with a very small heat flux of q = 0.3 W/cm2

(Q = 10 W).
The effects of primary and secondary vacuums outlined in Sec-

tion 3.2 are illustrated by the top two data series in Fig. 3. Because
of the more effective heat transfer with the majority of the non-
condensables removed, a higher heat flux of q = 1.3 W/cm2

(Q = 50 W) was applied in order to obtain a significant temperature
drop. The heat transfer performance after the primary vacuum was
slightly inferior to that after the secondary vacuums. Secondary
vacuums were pulled repeatedly until additional evacuation could
no longer improve the heat transfer performance, and the peak
performance was recorded as the top data series in Fig. 3.

As shown in Fig. 3, the heat transfer performance of the prop-
erly degassed chamber was dramatically better after the non-con-
densables were rigorously removed. For this reason, subsequent
measurements were always obtained after peak performances
were achieved with sufficient number of secondary vacuums. Note
that trace amounts of non-condensable gases could still remain in
the system, but their contribution to the overall thermal resistance
was expected to be negligible compared to other resistances mod-
eled by Eq. (2). Indeed, the peak performance in Fig. 3 agrees very
well with the model in Eq. (2), which neglects the non-condensable
gas effects.
4.2. Wick thickness and conduction resistance

According to the simplified model in Eq. (2), the overall thermal
resistance mainly consists of the conduction resistance through the
thickness of the wick and the phase-change interfacial resistances.
To test this model, the thickness of the wick was varied while its
thermal conductivity was kept constant (Fig. 4). Wick structures
with thicknesses of 0.5 mm, 1.0 mm and 2.0 mm were used. For
each wick thickness, the heat flux was held constant at
q = 1.3 W/cm2 (Q = 50 W), and the vapor temperature was varied
by sweeping the heat sink temperature from 0 �C to 80 �C. The re-
sults in Fig. 4 indicated better heat transfer performance at smaller
wick thickness, confirming the importance of the conduction resis-
tance across the wick.
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Fig. 4. The overall heat transfer coefficient (ho) as a function of the vapor
temperature (Tv), where the wick thicknesses is Hw = 0.5 mm, 1.0 mm, and
2.0 mm, and the corresponding vapor spacing is Hv = 2.0 mm, 1.5 mm, and
1.7 mm, respectively. The vapor chamber performance is orientation independent,
except for the Hw = 0.5 mm wick at high vapor temperatures. The dashed lines are
based on the lumped resistance model in Eqs. (2) and (3) with only one fitting
parameter, b̂, which is set as 0.053 for all theoretical curves in this paper.
In Fig. 5, the overall heat transfer coefficients are plotted as a
function of the wick thickness for selected heat sink temperatures
(T0). The performance agrees well with the theoretical model with
b̂ ¼ 0:053 and the vapor temperature (Tv) taken as the average
measured Tv at a given T0. Because of the extremely tedious mea-
surements, error bars were only rigorously assessed for the data
presented in Fig. 5. These error bars were representative of the
experimental uncertainties for the parametric regime explored in
this paper.

All three wick thicknesses demonstrated orientation-indepen-
dent performance, except for the 0.5 mm case which had a slightly
larger vapor spacing (and therefore gravitational dependence as
discussed in Section 4.4). Although the performance can in princi-
ple be further improved with thinner wicks, other limits may come
into play. At the same heat flux of 1.3 W/cm2, steady-state results
could not be obtained for the 0.25 mm wick due to dryout, likely
due to an insufficient number of layers of 100 lm particles used
to sinter all the wick structures used here.

4.3. Vapor temperature and phase-change resistance

The lumped phase-change heat transfer coefficient (hpc) in Fig. 6
was deduced from experimental measurements according to Eq.
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Fig. 6. The lumped phase-change heat transfer coefficient (hpc) as a function of
vapor temperature (Tv). The data are deduced from Fig. 4, and overlaid on the
theoretical model in Eq. (3) with b̂ ¼ 0:053.
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(2), 1/hpc = 1/ho � Hw/kw. Based on the kinetic theory in Eq. (3), a
nearly exponential dependence of hpc on the vapor temperature
is expected for phase-change processes. At low vapor tempera-
tures, the phase-change heat transfer coefficients extracted from
Fig. 4 were well modeled by Eq. (3). At vapor temperatures higher
than 50 �C, the temperature drop across the phase-change inter-
faces was typically below 0.1 �C, in which case the extraction of
hpc was no longer reliable.

For all theoretical curves in this paper, a single fitting parameter
of b̂ ¼ 0:053 is consistently used. Among other possible combina-
tions according to Eq. (4), this particular b̂ value represents the rea-
sonable combination of a geometrical parameter of v̂ ¼ 1 and an
accommodation coefficient of â � 0:1 (around the maximum
attainable for ‘‘stagnant interfaces’’ [22]). The high accommodation
coefficient used to fit the experimental data corroborates the effec-
tiveness of our methodology in removing the non-condensable
gases.

The trends in the overall heat transfer coefficient in Fig. 4 can
now be fully explained. At low vapor temperatures (Tv), the overall
thermal resistance (1/ho) is dominated by the phase-change resis-
tances (1/hpc) which decreases exponentially with Tv. At higher
temperatures, the vapor chamber is dominated by the wick resis-
tance (Hw/kw) which is nearly independent of Tv but strongly de-
pends on the wick thickness (Hw).
4.4. Vapor spacing and gravitational dependence

To investigate the gravitational dependence, the vapor spacing
was varied by changing the gasket thickness between the con-
denser and evaporator plates, and the resulting vapor chamber
was tested at both ‘‘with gravity’’ and ‘‘against gravity’’ orienta-
tions (Fig. 7). Note that the vapor spacing (Hv) was obtained by
deducting the wick thickness (Hw) from the inter-plate spacing
(H) defined by the compressed gasket thickness. With the wick
thickness fixed at Hw = 1.0 mm, the vapor spacing was varied with
Hv = 0.8, 1.5, and 2.7 mm. In the ‘‘with gravity’’ orientation, the
overall heat transfer coefficient was equivalent for all three vapor
spacings, consistent with the independence to Hv implied in Eq.
(2). In the ‘‘against gravity’’ orientation, however, dryout occurred
consistently with Hv = 2.7 mm, indicating that a large portion of
the condensate drops could not jump back to the evaporator.

Although the threshold vapor spacing for the gravitational
dependence was difficult to pinpoint, it should be around 2.0 mm
based on tests plotted in Fig. 4. With the conditions indicated in
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Fig. 7. The overall heat transfer coefficient (ho) as a function of the vapor spacing
(Hv). For relatively small vapor spacing, ho is essentially independent of Hv
regardless of the orientation. Above a critical limit of Hm

v � 2:0 mm, however,
dryout occurs in the ‘‘against gravity’’ orientation and only the ‘‘with gravity’’ data
can be reliably obtained. All data are taken with Hw = 1 mm and q = 1.3 W/cm2.
Fig. 4, dryout never occurred for the slightly smaller vapor spacing
of Hv = 1.5 mm and 1.7 mm at both orientations. For Hv = 2.0 mm,
dryout did not occur in the ‘‘with gravity’’ orientation, but occurred
in the ‘‘against gravity’’ orientation at somewhat random times
during the testing, typically at very high vapor temperatures. These
observations indicate that a vapor spacing of 2.0 mm was around
the borderline for the loss of orientation independence.

According to Eq. (6), the gravitational limit of HG
v � 2:0 mm cor-

responds to a condensate drop velocity of ul � 0.2 m/s. From this
estimate of the jumping velocity, the average diameter of the
jumping drops is of order Rl � 100 lm based on Eq. (5) with a
20% prefactor. These estimates are consistent with our earlier mea-
surements, albeit in open air [12].
4.5. Effects of heat fluxes

Up to now, the heat transfer performance of the degassed cham-
ber was measured at a fixed heat flux of 1.3 W/cm2. This low heat
flux was useful to ensure reliable thermal measurements over a
large parametric space. However, the jumping-drop vapor chamber
may experience much higher heat fluxes in real applications. We
now report the effects of increasing heat fluxes, up to the instru-
mentation limit of 20 W/cm2.

At low heat fluxes, the overall heat transfer coefficient (ho) for a
given vapor temperature (Tv) was essentially independent of the
heat flux (Fig. 8). For heater powers of Q = 25, 50, and 100 W (cor-
responding to q = 0.7, 1.3, and 2.7 W/cm2), ho was independent of
the heat flux for a wide range of vapor temperature from 10 � to
85 �, obtained by varying the temperature of the chiller fluid (T0).
This independence to low heat fluxes is crucial for supporting the
adequacy of our model for the overall heat transfer coefficient.

At higher heat fluxes, the overall heat transfer coefficient be-
came dependent on the heat flux. In Fig. 9a, the heat sink temper-
ature was held constant at T0 = 25�, and the heater power was
increased from 50 W to 750 W (1.3 to 20 W/cm2). In Fig. 9b, the
data set in Fig. 9a is replotted and compared against the 50 W data
set from Fig. 8. The overlap of the two data sets suggests that the
dependence on heat flux is partly due to the variation of vapor
temperature, resulting from the variation of heater power at con-
stant T0. The remaining discrepancy at high heat fluxes may be
attributed in part to an increased interfacial heat transfer coeffi-
cient (hi), owing to an increased number of active nucleation sites
at both the condenser and the evaporator and therefore an in-
creased accommodation coefficient ðâÞ; See for example [20,26].
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In Fig. 9a, the jumping-drop vapor chamber was found to be sta-
ble and orientation-independent all the way up to 20 W/cm2, a
limit artificially posed by the cooling capacity of the chiller. Our re-
sults suggest that the entrainment limit was not encountered at
the tested range of heat fluxes, consistent with the scaling estimate
from Eq. (8). With Hv = 1.7 mm � HG

v and Rl � 100 lm from Sec-
tion 4.4 as well as the vapor properties at 80�C, the critical heat flux
at the entrainment limit should be on the order of qE � 100 W/cm2,
well above the tested range.
4.6. Thermal rectification

The jumping-drop vapor chamber consisting of two parallel
plates with asymmetric wettability can be exploited for thermal
rectification [10]. In previous subsections, we have shown that a
heat flux imposed on the superhydrophilic surface can be effec-
tively removed via phase-change heat transfer (the forward mode).
If the direction of the heat flow is reversed and the superhydropho-
bic surface is heated instead, no latent heat transfer is expected
(the reverse mode).

The thermal rectification by the jumping-drop vapor chamber is
well conveyed by the following comparison in Fig. 10: In the for-
ward mode with an average T2 � T1 = 2.0 �C, a heat flux of 8.1 W/
cm2 was transported from the hotter superhydrophilic surface to
the colder superhydrophobic one; In the reverse mode with an
average T2 � T1 = �2.0 �C, only 0.033 W/cm2 was transported in
the opposite direction. This ratio of forward and reverse heat flux
under otherwise identical conditions yields a rectification coeffi-
cient (diodicity) of approximately 250. Despite the slight depen-
dence on orientation in the reverse mode, likely due to free
convection within the chamber, the forward mode was indepen-
dent of orientation.
4.7. Comparison with prior results

In Fig. 11, our prior results measured on a vapor chamber with
approximately 3 kPa of non-condensable gases [10] are compared
against the new results following the rigorous degassing proce-
dures in Section 3.2. To facilitate the comparison, the effective
thermal conductivities in the forward mode (kf) used in [10] is con-
verted to the overall heat transfer coefficients (ho) by ho = (kf/H)(A/
Aw), where H is the total septation between the two plates and A/Aw

is the ratio of the plate area to the wick area. The overall heat
transfer coefficient is a better indication of the vapor chamber per-
formance, which is evident in Fig. 7 by the insensitivity of the heat
transfer coefficient to the vapor spacing. From the comparison, it is
evident that trace amounts of non-condensable gases could dra-
matically affect the performance of the vapor chamber, an observa-
tion consistent with Fig. 3.

Careful removal of the non-condensable gases also eliminated
the premature onset of boiling we previously observed [10]. With
non-condensable gases remaining in our previous system, boiling
appeared to have occurred at 1.3 W/cm2 or even lower heat fluxes.
The premature onset of boiling was indicated by the sudden in-
crease in the heat transfer coefficient at vapor temperatures above
50 �C and the simultaneous loss of orientation independence
(Fig. 11). The premature boiling in our previous system was also
consistent with the lack of secondary vacuums, which were pri-
marily responsible for removing the non-condensable gases (boil-
ing nuclei) dissolved in the working liquid. With the new
degassing procedure, no boiling was observed at vapor tempera-
tures exceeding 80 �C, and the heat transfer performance was inde-
pendent of orientation for heat fluxes up to the instrumentation
limit of 20 W/cm2.
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We previously reported an orientation-independent upper limit
to the effective thermal conductivity, km

f � kwðAw=AÞðH=HwÞ, be-
yond which the gravitational independence is lost; See Eq. (2) in
[10]. This limit is equivalent to an upper limit of the overall heat
transfer coefficient that is orientation independent,

hm
o �

kw

Hw
: ð12Þ

Compared to the overall thermal resistance model in Eq. (2), it is
apparent that the orientation-independent upper limit in Eq. (12)
is reached when the conduction resistance is much larger than
the interfacial resistances. As shown in Fig. 11, the upper limit
can be reached either at the onset of boiling as in our previous re-
port, or at very large vapor temperatures as in the present paper.

4.8. Discussions

A few limitations of our work are noteworthy. First, We used
water as the working fluid for this mechanistic study, but other
working fluids are in principle possible, e.g. by adopting superoleo-
phobic condensers via surface patterning (see for example [27]) or
using working fluids of large surface tension (mercury condensate
can jump upon coalescence on a flat surface [28]).

Second, the jumping return mechanism was not studied in situ
because of the opaque device construction. Such a study is highly
desirable for identifying the size distribution and jumping fre-
quency of the condensate drops in an evacuated chamber (e.g. by
including a transparent superhydrophobic surface [29]). A direct
measurement of the jumping return process will help elucidate
the experimentally identified gravitational limit, where the jump-
ing drops were able to travel approximately 2 mm against gravity.

Third, the heat transfer coefficient associated with the self-pro-
pelled dropwise condensation on superhydrophobic surfaces was
neither directly measured nor modeled from first principles. Based
our experimental results and the theoretical fit, the superhydro-
phobic dropwise condensation can exhibit an effective heat trans-
fer coefficient (hc) well over 100 kW/m2 K, perhaps approaching
1000 kW/m2 K at high vapor temperatures. Note that hc is lower
bounded by the lumped phase-change heat transfer coefficient
hpc shown in Fig. 6 (hc � 2hpc if v̂ � 1). In future work, these esti-
mates should be reconciled with other measurements [30,31] after
the condensation heat transfer is properly isolated.
Lastly, although we only tested the jumping-drop vapor cham-
ber with a uniform heat flux of up to 20 W/cm2 due to instrumen-
tation limitations, we expect a much higher critical heat flux
particularly with localized hotspots imposed on an optimized
evaporator. Borrowing from the wick designs in flat-plate heat
pipes, see for example recent work in [32–40], we expect to im-
prove both the critical heat flux (e.g. using a wick with a smaller
pore size or a bi-dispersed structure) and the effective heat transfer
coefficient (e.g. using a wick with higher effective conductivity or
smaller thickness).

5. Conclusions

Guided by simple scaling models, we have studied the heat
transfer performance of jumping-drop vapor chambers. For opti-
mal performance, the non-condensable gases including those dis-
solved in the working liquid should be carefully removed. Based
on Eq. (2) which was supported by the experiments, the overall
heat transfer coefficient of the degassed vapor chamber was dom-
inated by the interfacial phase-change resistances at low vapor
temperatures and the wick conduction resistance at high vapor
temperatures. The jumping return mechanism imposed unique
performance restrictions including the gravitational limit which
was experimentally confirmed, and the entrainment limit which
awaits further verification at higher heat fluxes. The jumping-drop
vapor chamber was inherently a thermal diode with large rectifica-
tion coefficients.
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